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ABSTRACT 
This paper presents analysis of location of refrigerant inventory and numerical results of 
charge reduction in a typical bottle cooler. The original unit was first characterized by determining 
its capacity, the coefficient of performance (COP), pull-down characteristics, and total charge 
using non-intrusive instrumentation. Then the unit was instrumented by insertion of valves to 
separate main components and allow measurement of the charge in each of them, as well as 
pressure transducers, a mass flow meter, and thermocouples. Charge optimization and charge 
distribution experiments were conducted. The condenser is found to be the component that retains 
the most charge.  
The system was modelled using Engineering Equation Solver (EES) for calculation of 
performance and charge. Models were fully validated by experimental results at steady state. 
Different void fraction correlations were analyzed and utilized to predict charge distributions in 
heat exchangers. Discussion of the results and recommendation for charge reduction is provided. 
With the aim of reducing charge without penalizing system performance significantly, the 
tubes of the round-tube finless condenser were flattened. Charge optimization and charge 
distribution experiments were again conducted for the system with a flattened-tube condenser. 
Experimental results show good match with the model prediction. 
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NOMENCLATURE 
𝑏′  thickness of the flattened-tube condenser mm 
COP coefficient of performance (–) 
d tube diameter  m 
𝑑0 original tube diameter  m 
𝐷𝑒 equivalent diameter  m 
𝐷ℎ hydraulic diameter  m  
DP pressure difference / pressure drop kPa 
f friction factor  (–)   
h specific enthalpy  kJ/kg 
HTC heat transfer coefficient  W / (m2-K) 
M charge  g  
?̇? mass flow rate  g/s 
P pressure  kPa 
Q heat transfer  W 
T temperature  °C 
UA overall heat transfer coefficient W / K 
V volume  m3 
W power  W 
 
Subscript 
atm atmosphere 
c / cond condenser 
cp / comp compressor 
xi 
 
cfan condenser fan 
e / evap evaporator 
efan evaporator fan 
exp experiment 
FT flattened-tube 
l&c light and control 
i inlet or inner 
ihx internal heat exchanger 
o outlet or outer 
r refrigerant or refrigerant side 
RT round-tube 
trans transfer between the cabinet and the ambient  
 
Greek Letter 
𝛼  void fraction (–) 
δ tube thickness mm 
η efficiency (–) 
𝜌 density kg/m3  
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CHAPTER 1 INTRODUCTION 
It is clear that charge reduction is a necessity for each and every refrigerant. For 
hydrofluorocarbons’ (HFCs’), refrigerant charge reduction decreases direct component of CO2 
effects in life cycle climate performance calculations. For some other refrigerants, charge 
minimization is being pursued because of their issues of flammability (R290, R600a) and toxicity 
(NH3). Significant charge reduction, specifically below 50 g of total charge, might open some 
doors for application of hydrocarbon systems. Hydrocarbons are closely related to the HFCs and 
can be used in today’s HFC systems without any major changes in the design (Palm, 2007). Since 
refrigeration units cannot avoid refrigerant leaks, lower refrigerant charge may lead to lower 
leakage, and lower leakage means less damage to the environment in respect of ozone depletion, 
global warming, and so forth. However, problems in operation may occur if charge becomes too 
low: Small leaks if charge stored in receiver is inadequate may result in insufficient charge and 
reduced performance; charge reduction achieved by reducing the hydraulic diameter of pipes too 
severely may affect efficiency and perhaps capacity due to pressure drop and flashing; reliability 
of pumps (if present) are reduced due to possible vapor entrainment and cavitation. 
In order to reduce charge, the location of charge within systems should be determined first. In 
the literature, Jin and Hrnjak (2012) determined charge distribution in an automotive system with 
a thermostatic expansion valve and a high pressure receiver with a total charge of 1350 g of R134a 
and 205 g of PAG 46 oil. Under the condition of 0/+51.7 °C (refrigerant evaporating/condensing 
temperature), 56.7% of charge was found in condenser, 17.6% in evaporator, 15.9% in liquid tube, 
7% in compressor, 2.2% in discharge line, and 0.5% in suction line. For a refrigeration system 
with 5 kW refrigerant capacity and 15 kg refrigerant at -28/+40 °C, Leducq et al. (2009) showed 
that 42% of refrigerant mass was retained in the receiver, 23% in condenser, 17% in evaporator, 
17% in liquid line, and 1% in compressor. For a system with a liquid receiver, charge inside it 
could be significant, since it is able to store refrigerant in the liquid form until it is full. Apart from 
the receiver, most of the charge would be retained in the condenser. Refrigerant in the condenser 
usually goes through all three states: Starts with superheated, then two-phase, and last subcooled. 
Most of the charge is due to the two-phase and subcooled parts because of a higher density, so 
usually the higher the subcooling, the larger the charge. For the liquid line, it contains liquid 
refrigerant with fairly constant density, and the charge inside is usually in proportion to the length 
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of it. For the evaporator, it contains some amount of charge in the form of two-phase and 
superheated. More charge is retained in the evaporator if running under flooded mode compared 
to the dry expansion mode. For the compressor, lubricant would absorb some amount of refrigerant 
inside the sump. The main strategy for charge reduction is to minimize the internal volume of the 
components containing liquid refrigerant, such as condenser and liquid line.  
Various methods have been investigated to reduce charge in refrigeration systems: Choosing 
an alternative refrigerant; pipe sizing; sizing and loading the liquid receivers; applying secondary-
loop-refrigeration systems; selecting proper heat exchangers, compressors, and expansion valves 
(Poggi et al., 2008). For a five kW cooling capacity system at -28/40 °C (refrigerant 
evaporating/condensing temperature) with total charge of 7 kg (except 4 kg in the receiver), 39% 
of the refrigerant is contained in the condenser and 28% in evaporator (Poggi et al., 2008). For 
typical refrigeration systems, most of the charge is retained in the heat exchangers, so selecting 
proper heat exchangers is of main interest in this thesis. For compact heat exchangers like 
microchannel heat exchangers, refrigerant mass inside could be dramatically reduced to about 10 
g/kW if headers were correctly designed (Hrnjak 2010). Extra benefits of using microchannel heat 
exchangers include smaller size and less weight. An ammonia chiller with an air-cooled condenser 
and a plate evaporator was studied by Hrnjak and Litch (2008). The charge was reduced to 20 
g/kW, and the major contribution came from the use of microchannel aluminum tubes.  Thus, with 
proper selection of heat exchangers, charge could be greatly reduced without influencing the 
system performance significantly. 
The aim of the present research is to analyze charge reduction methods in small commercial 
refrigeration systems and their consequences, adopting a flattened-tube condenser in particular. 
First, a baseline system is characterized by determining its capacity, COP, and optimal charge 
through non-destruction approach. Then the location of refrigerant under a specific steady state 
condition is determined. Factors influencing refrigerant charge within the system are analyzed. At 
the same time, a system model is built for performance and charge calculations. Different void 
fraction correlations are analyzed and compared with the aim of accurately predicting refrigerant 
charge. The system model is validated by experimental data; and then used to identify simple ways 
to reduce refrigerant charge, modifying condenser geometry in particular. At last, the system is 
modified accordingly and charge reduction is validated.   
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CHAPTER 2 LITERATURE REVIEW 
The literature review will primarily discuss the previous studies on flattened-tube heat 
exchangers, especially the heat transfer, pressure drop and refrigerant inventory characteristics. 
The application, advantages, and disadvantages of flattened-tube heat exchangers are introduced 
as well. 
2.1 Introduction on flattened-tube heat exchangers 
Flattened tubes are plain round tubes pressed flat on top and bottom and kept round at the two 
ends. Flattened-tube heat exchangers could be used in a wide range of industrial applications, such 
as air conditioning, heat pump, refrigeration systems, automotive radiators, and fuel cell engines. 
Flattened tubes have a higher internal surface to cross-sectional area ratio compared with the 
original round tubes. The main advantages of using flattened-tube heat exchangers are: 
 Greatly reduced refrigerant charge in direct-expansion evaporators and condensers. 
 Enhancement of the refrigerant-side heat transfer coefficient during either boiling 
(Nasr et al., 2010) or condensing (Wilson et al., 2003) for most conventional 
refrigerants.  
 Reduction in the air-side pressure drop. According to Tahseen et al. (2014), the air-
side pressure drop in flat tubes is expected to be less than circular tubes due to a smaller 
wake area. For the same reason, noise and vibration are expected to be less with 
flattened tubes compared to circular tubes. 
 Enhancement in the air-side heat transfer coefficient (Quibén et al., 2009). 
 Increased compactness of heat exchanger. 
However, problems in operation may occur if charge becomes too low: 
 By flattening tubes, pressure drop on the refrigerant side would increase, which results 
in increased compressor power for the same capacity. 
 Small leaks, if charge stored in receiver is inadequate, may result in insufficient charge 
and reduced performance. 
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 Reliability of pumps (if present) are reduced due to possible vapor entrainment and 
cavitation. 
 
2.2 Previous studies on flattened-tube heat exchangers 
In the literature, limited investigations have been done on flattened-tube heat exchangers in 
the aspect of heat transfer, pressure drop and void fraction characteristics. In order to design a 
flattened-tube condenser, it is important to understand and accurately predict the condensing heat 
transfer characteristics inside. Wilson et al. (2001) investigated the void fraction, two-phase 
pressure drop, and heat transfer coefficient during condensation of R134a and R410A in several 
flattened tubes, all derived from round tubes of 8.91 mm internal diameter. Their results showed a 
significant reduction in refrigerant charge, an enhancement of condensation heat transfer, and an 
increase of pressure drop as the tube is flattened. In particular, as the tube is flattened to a very 
small height between the top and bottom, the confinement of such a tube would greatly affect flow 
pattern, two-phase flow pattern, pressure drop, and heat transfer characteristics. 
Nasr et al. (2010) showed similar results for flow boiling of R134a in flattened tubes. The 
flow boiling heat transfer coefficient and pressure drop elevate when the flattened tube is used 
instead of round tubes. Mass flux will also increase, so that the flow pattern will be changed from 
stratified flow to annular flow further upstream compared to lower mass fluxes in the evaporator. 
This is beneficial for heat transfer since the annular flow has a higher heat transfer coefficient 
rather than stratified flow. Quibén et al. (2009) proposed a two-phase pressure drop model and a 
modified flow pattern based heat transfer model for R410A and R22 boiling in the flattened tubes 
based on experimental data. In the experiments, four horizontal smooth copper tubes with two 
different heights of 2 and 3 mm for mass velocities from 150 to 500 kg/m2-s, heat fluxes from 6 to 
40 kW/m2, and a saturation temperature of 5 °C were tested. 
In the literature, heat transfer correlations for flattened tubes are usually developed by 
substituting the diameter of the circular tubes with the hydraulic diameter of the non-circular tubes 
in the correlation equations. Tibiriçá et al. (2012) compared the heat transfer coefficient of R134a 
and R245fa at a saturation temperature of 31°C in four kinds of flattened tubes against circular 
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tubes, and concluded that at mass velocities higher than 200 kg/m2-s, the flattened and circular 
tubes have similar heat transfer coefficients.   
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CHAPTER 3 EXPERIMENTAL SETUP AND 
MEASUREMENT 
3.1 Initial setup – the original system  
The environment to test the bottle cooler is a closed chamber with air control vents in the 
ceiling and outlets at the bottom as required by ASHRAE Standard 72/1983. A fan, installed 
outside of the chamber, provides air circulation. To regulate the temperature, a PID controlled 
heater warms the air up before it enters the chamber ceiling.  
The bottle cooler is a vapor compression refrigeration system; the condenser is finless round-
tube type, the evaporator is round-tube with plate fins, and the expansion device is capillary tube. 
See the picture of original condenser in Figure 3-1; it is a round-tube condenser curved into a cubic 
shape geometry around a condenser fan. In operation, ambient air will flow to the front side of the 
condenser, be heated by the hot condenser surface, and be driven towards the back side. The 
velocity of the front and back sides of the condenser is much larger than the left and right sides. 
The velocity and temperature distributions around the condenser are very complex. The main 
advantages of this design of condenser (also see a similar type of condenser in Figure 3-2) are that 
it is simple to manufacture, inexpensive and easy to maintain. 
     
Figure 3-1 Picture of the round-tube condenser. 
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Figure 3-2 Condenser with a fan on the top as seen outside of the Mechnical Engineering 
Building in Urbana, Illinois.  
The optimal charge is 260 g of R134a as provided by manufacturer. See Figure 3-3 for the 
initial non-intrusive instrumentation. At first, one heater and two power transducers were installed 
to the system as received. A heater was installed inside the cabinet of the bottle cooler to help 
stabilize the working cycle and prevent it from on/off cycling, and one power transducer was 
installed at the electrical supply of the unit (includes one compressor, two heat exchanger fans, 
lights, and controls); the other power transducer was installed on the heater. A relay was installed 
to synchronize on/off of the heater and the system. Data from the two power transducers and 
several T-type thermocouples were collected and recorded by a data logger every two seconds. 
The cooling capacity and COP of the original system was calculated based on the data collected. 
The methodology can be found in Chapter 3.3 Data reduction. 
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Figure 3-3 Picture of the system as received (left) and the schematic drawing of the original 
system with initial instrumentation. 
 
3.2 Further instrumentation – the baseline system 
The original system needed to be further instrumented with sensors to measure key parameters 
of the cycle during operation, which could be used to validate the system model later; one mass 
flow meter, four pressure transducers, and additional T-type thermocouples were added to the 
system as shown in Figure 3-4. Ball valves were also inserted to separate the system into four main 
parts (condenser, evaporator, compressor, and liquid line), and allow measurement of the charge 
in each of them. The cooling capacity and COP of the instrumented system could be determined 
based on the data collected from the data logger using the same methodology as the original system. 
Refer to the methodology in Chapter 3.3 Data reduction. 
Notice that the liquid line of the instrumented system became longer due to the installation of 
a mass flow meter, which would result more charge retention inside it compared to the original 
system. The same applies to the lengthened tubes in other parts of the system. As a result, the 
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optimal charge for the instrumented system would be more than 260 g of R134a as in the original 
system. 
 
Figure 3-4 Comparison between the original system (left) and the instrumented system (right). 
 
3.3 Data reduction 
A data logger with 20 channels was used to collect and record data every 2 seconds from all 
the instrumented sensors. See Table 3-1 for measureable items from the data logger.   
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Table 3-1 Channels of the data logger and the corresponding sensors.  
# Measurement Transducer Input Setting range Output Uncertainty 
1 𝑊𝑠𝑦𝑠𝑡𝑒𝑚  Watt meter 1 - 5V 6V: 0 – 6 V  0 – 1 kW  
2 𝑊ℎ𝑒𝑎𝑡𝑒𝑟  Watt meter 0 - 0.25V 2V: -2 – 2 V 0 – 1 kW  
3 ?̇?𝑟𝑒𝑓 Mass flow 1 - 5V 6V: 0 – 6 V 0 – 10 g/s  
4 𝑃𝑐𝑟𝑖 P(A) 0 - 5V 6V: 0 – 6 V 0 – 500 psiA  
5 𝐷𝑃𝑐 DP 0 - 5V 6V: 0 – 6 V 0 – 25 psi  
6 𝑃𝑒𝑟𝑖 P(G) 0.1 - 5.1V 6V: 0 – 6 V 101 – 601 psiA  
7 𝑃𝑒𝑟𝑜 P(A) 1 - 5V 6V: 0 – 6 V 0 – 200 psiA  
8 𝑇𝑐𝑝𝑟𝑜 TC (T) – Type T -200 – 400 °C ±0.5 °C 
9 𝑇𝑐𝑟𝑖 TC (T) – Type T -200 – 400 °C ±0.5 °C 
10 𝑇𝑐𝑟𝑜 TC (T) – Type T -200 – 400 °C ±0.5 °C 
11 𝑇𝑒𝑟𝑖 TC (T) – Type T -200 – 400 °C ±0.5 °C 
12 𝑇𝑒𝑟𝑜 TC (T) – Type T -200 – 400 °C ±0.5 °C 
13 𝑇𝑐𝑝𝑟𝑖 TC (T) – Type T -200 – 400 °C ±0.5 °C 
14 𝑇𝑥𝑟𝑖 TC (T) – Type T -200 – 400 °C ±0.5 °C 
15 𝑇𝑖ℎ𝑥,𝑖𝑛 TC (T) – Type T -200 – 400 °C ±0.5 °C 
16 𝑇𝑒𝑎𝑖 TC (T) – Type T -200 – 400 °C ±0.5 °C 
17 𝑇𝑒𝑎𝑜 TC (T) – Type T -200 – 400 °C ±0.5 °C 
18 𝑇𝑐𝑎𝑖 TC (T) – Type T -200 – 400 °C ±0.5 °C 
19 𝑇𝑐𝑎𝑜 TC (T) – Type T -200 – 400 °C ±0.5 °C 
20 𝑇𝑖ℎ𝑥,𝑜𝑢𝑡 TC (T) – Type T -200 – 400 °C ±0.5 °C 
 
For the bottle cooler, there are independent on-and-off controls of the compressor, two heat 
exchanger fans, and lights. From separate experimentation, the power and heat of each heat 
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exchanger fans (𝑊𝑐𝑓𝑎𝑛 , 𝑊𝑒𝑓𝑎𝑛, 𝑄𝑐𝑓𝑎𝑛  and 𝑄𝑒𝑓𝑎𝑛), the lights and controls (𝑊𝑙&𝑐  and 𝑄𝑙&𝑐 ), and the 
overall heat transfer coefficient (𝑈𝐴) between the cabinet and the ambient were obtained. Table 
3-2 shows the overall heat transfer coefficient (𝑈𝐴) between the cabinet and the ambient to be 2.67 
W/K.  
Table 3-2 Separate experimentation to determine UA (2.67 W/K) for the original unit. 
Test 
No. 
Evap 
Fan 
Cond 
Fan 
Light Comp Heater 
Unit 
Power 
Heater 
Power 
Cabinet 
Temp 
Ambient 
Temp 
UA 
     V W W °C °C W/K 
1 ON ON OFF OFF 20 28.7 33.1 44.1 26.2 2.68 
2 ON ON OFF OFF 10 28.6 12.3 36.6 26.3 2.64 
3 ON ON OFF OFF 0 29.1 0.0 31.4 25.8 2.68 
         Average 2.67 
 
With these, the cooling capacity (𝑄𝑒𝑣𝑎𝑝) and COP of the system under a certain condition 
could be determined by applying energy conservation to the cabinet. Calculations are given below 
in Equations (3-1) through (3-5). 
 𝑄𝑒𝑣𝑎𝑝 = 𝑄ℎ𝑒𝑎𝑡𝑒𝑟 + 𝑄𝑡𝑟𝑎𝑛𝑠 + 𝑄𝑒𝑓𝑎𝑛 + 𝑄𝑙&𝑐  
(3-1) 
 𝑄𝑡𝑟𝑎𝑛𝑠 = 𝑈𝐴 × (𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 − 𝑇𝑐𝑎𝑏𝑖𝑛𝑒𝑡) 
(3-2) 
 𝑊𝑠𝑦𝑠𝑡𝑒𝑚 = 𝑊𝑐𝑜𝑚𝑝 + 𝑊𝑐𝑓𝑎𝑛 + 𝑊𝑒𝑓𝑎𝑛 + 𝑊𝑙&𝑐  
(3-3) 
 𝐶𝑂𝑃𝑐𝑦𝑐𝑙𝑒 = 𝑄𝑒𝑣𝑎𝑝/𝑊𝑐𝑜𝑚𝑝 
(3-4) 
 𝐶𝑂𝑃𝑠𝑦𝑠𝑡𝑒𝑚 = 𝑄𝑒𝑣𝑎𝑝/𝑊𝑠𝑦𝑠𝑡𝑒𝑚  
(3-5) 
 
3.4 Performance comparison between the original system and the 
baseline system 
The performance (capacity and COP) of the original system and the instrumented system could 
be determined by using the same method described in Chapter 3.3 Data reduction. See Figure 3-5 
for the comparison of performance between the original system and the instrumented system. By 
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increasing the heater power (the net cooling capacity), the capacity increases, as does the 
compressor power and the system power. Because cabinet and evaporation temperature increase, 
the cooling capacity, compressor power, and COP of the original system and the instrumented 
system are close between the two systems. Thus, it can be concluded that the performance does 
not vary much between the two systems and the instrumented system becomes the new baseline.  
 
Figure 3-5 Comparison of the performance between the original (solid symbols) and the 
instrumented (open symbols) system at Tambient = 26.0 °C. 
 
3.5 Optimal charge determination for the instrumented baseline 
system 
The optimal charge for the instrumented baseline system should be determined either 
theoretically or experimentally. In theory, the optimal charge for the baseline system should be 
330 g of R134a by rough calculation of the increased length of the tubes containing liquid 
refrigerant due to the instrumentation. In the experiment, the ambient temperature was kept at 
26.0 °C, and the heater was turned off. At first, 260.0 g of R134a were charged, then charge was 
added in increments of 20.0 g until the baseline system became overcharged. An overcharged 
system is characterized by a drop in COP as further charge is added. Under each charge condition, 
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data collected from the data logger was recorded, and the cycle COP was calculated. See Figure 
3-6 for the results of the charge optimization experiment for the baseline system.  
 If the system is overcharged (more than 360.0 grams of R134a) or undercharged (less 
than 300.0 grams of R134a), COP would be impacted.  
 If the system is well charged between 300.0 to 360.0 grams of R134a, COP reaches its 
maximum value.  
 COP is insensitive to the charge amount as long as charge remains in the range from 
300.0 to 360.0 grams of R134a. 
 
Figure 3-6 Optimal charge for the instrumented system (the baseline) is between 300.0 – 360.0 g 
of R134a, corresponding to the highest COP at Tambient = 26.0 °C, Wheater = 0 W. 
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CHAPTER 4 CHARGE DISTRIBUTION IN THE 
BASELINE SYSTEM 
4.1 Experimental methods to determine charge distribution 
In the literature, Quick Closing Valve Technique (QCVT) and On-Line Measurement 
Technique (OLMT) are two experimental techniques to measure refrigerant mass distribution in 
refrigeration systems. According to Peuker and Hrnjak (2010), the advantage of the QCVT is 
precise measurement, even at transient conditions. Another advantage is that only minimal 
physical changes to the system are necessary, e.g., installation of valves and ports. The major 
disadvantage of the QCVT is its time intensive procedure as a result of the intrusive nature of this 
technique. It requires stopping of the system, recharging the refrigerant, and reestablishing the 
operating conditions before another measurement can be done. The advantage of using the OLMT 
is that the change in refrigerant mass can be measured continuously in each component of the 
system while the system is in operation. Using this direct measurement technique, many different 
transient scenarios can be measured in a relatively short amount of time. However, to implement 
the OLMT several expensive modifications to the original system are necessary. Another 
disadvantage of the OLMT is that only the total mass contained within each component can be 
determined, refrigerant and lubricant mass cannot be differentiated. 
QCVT is chosen for the present experiments to trap refrigerant in each main component of the 
system. At first, several ball valves were installed to separate the system into four main parts –
condenser, evaporator, compressor and liquid line, and allow measurements of the charge in each 
of them. When steady state was reached, the four ball valves were closed simultaneously and the 
compressor was switched off at the same time. Therefore, the refrigerant that is flowing was 
trapped within each component, which could be removed and weighed independently later.  
Remove and Weigh Technique is a method to calculate the refrigerant amount trapped in each 
component by connecting the component to a receiver, cooling the receiver (heating the 
component could be combined), and weighing the receiver before and after. In the experiments, 
aluminum cylinders with an internal volume of 700 cm3 and a needle valve on the top are used as 
receivers. At first, the cylinder was vacuumed to remove all the air and moisture inside and 
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weighed. Then, the cylinder was connected to the port of the component of interest, and some 
refrigerant from the component would be initially transferred to the cylinder due to a pressure 
difference. In order to collect the maximum amount of charge from the component in the cylinder, 
the cylinder should be cooled enough to reduce the inside saturation pressure. This was 
accomplished by immersing the cylinder in liquid nitrogen at -180 °C. In turn, the saturation 
pressure of the refrigerant was reduced to approximately 0 kPa inside the cylinder, which 
effectively pulled a vacuum on the component and drove all the charge from the component to the 
cylinder. When equilibrium was reached (the pressure inside reaches a minimum), the cylinder 
was closed and disconnected from component and weighed. The gained weight of the cylinder 
approximately equals to the mass of refrigerant present in the component during the steady state 
condition.  
 
4.2 Charge distribution experiments 
The ambient temperature was kept at 27.0 °C. Since the optimal charge is between 300.0 and 
360.0 g, the baseline system was charged 330.0 grams of R134a. Heater was turned on to 314.7 W 
to stabilize the working cycle of the system and generate enough subcooling at the outlet of the 
condenser, which would stabilize the readings from the mass flow meter at the liquid line. However, 
due to the high heater power, the cabinet temperature was around 20.8 °C.  
When steady state was reached, four valves were closed at the same time and the system was 
shut down simultaneously (Quick Closing Valve Technique). By doing so, refrigerant was trapped 
in each main component (condenser, evaporator, compressor and liquid line). Then in sequence, 
refrigerant in each component was recovered to a cylinder, which was cooled by liquid nitrogen. 
Finally, the cylinder was weighed, and by comparing to the empty weight of the cylinder, the 
refrigerant mass in each component was calculated (Remove and Weigh Technique). Five runs 
were repeated under the same condition and the mean values were calculated. 
See Figure 4-1 for the P-h and T-s diagrams of the averaged working cycle for five repeated 
runs. Point 1 is at the compressor suction, point 2 is at the compressor discharge, points 3 is at the 
inlet of the condenser, point 4 is at the outlet of the condenser, point 5 is at the inlet of capillary 
tube, point 6 is at the inlet of the evaporator, and point 7 is at the outlet of the evaporator. Between 
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points 2 and 3, there is a condensing tray. Between points 4 and 5, there is a mass flow meter. The 
effects of the capillary tube – suction line heat exchanger are taken into consideration. Two 
isothermal lines of 27 °C and 21 °C are plotted as well.  
From the diagrams, we see the compression process is better than isentropic. Possible reasons 
for this include large amount of heat dissipation from the compressor shell and the effects of oil 
inside the compressor. 
 
Figure 4-1 P-h and T-s diagrams of the averaged working cycle for five repeated runs for the 
baseline system. 
Figure 4-2 shows the charge distribution in the baseline system with 330.0 grams of R134a 
charged under the condition of 𝑊ℎ𝑒𝑎𝑡𝑒𝑟  = 314.7 W, 𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡  = 27.0 °C, and 𝑇𝑐𝑎𝑏𝑖𝑛𝑒𝑡  = 20.8 °C. 
40% of the total charge was retained in the condenser, 40% in the liquid line, 13% in the 
compressor, and 7% in the evaporator. The condenser and evaporator are two heat exchangers with 
valves at the inlet and outlet, respectively. The compressor charge value includes one small 
accumulator and some connection tubes in addition to the compressor. The liquid line charge value 
includes one mass flow meter, one filter, and one capillary tube in addition to the liquid line.  
Note that the liquid line becomes longer due to the installation of the mass flow meter. For the 
original system without such a long liquid line, charge distribution would be very different, which 
is predicted in the right bottom of Figure 4-2. The portion of charge inside the liquid line would 
be around 10% instead of 40% for the original system, so the liquid line part is not the focus for 
the charge minimization purpose. 
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Figure 4-2 Charge distribution in the baseline system with 330.0 g of R134a charged at 𝑊ℎ𝑒𝑎𝑡𝑒𝑟  
= 314.7 W, 𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 = 27.0 °C, and 𝑇𝑐𝑎𝑏𝑖𝑛𝑒𝑡 = 20.8 °C. 
See Table 4-1 for the charge distribution results for the baseline system under the condition of 
𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡=27.0 °C, 𝑇𝑐𝑎𝑏𝑖𝑛𝑒𝑡=20.8 °C, and 𝑊ℎ𝑒𝑎𝑡𝑒𝑟=314.7 W. The total charge extracted from the 
system was a little less than the actual charge. The error was within -9% for all five runs. The error 
was always negative, because a small amount of refrigerant would always fail to be collected when 
connecting and disconnecting the cylinder to the component of the system. On average, most of 
the charge goes to the condenser, second largest amount of charge goes to the liquid line, and some 
charge goes to the compressor and evaporator. Based on the standard deviation values, charge 
varies more in evaporator than condenser, and the amount of charge in the compressor is most 
steady, while the charge in the liquid line varies the most among the five runs.  
Table 4-1 Charge distribution results for the baseline system under the condition of 𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 = 
27.0 °C, 𝑇𝑐𝑎𝑏𝑖𝑛𝑒𝑡 = 20.8 °C, and 𝑊ℎ𝑒𝑎𝑡𝑒𝑟  = 314.7 W. 
 Unit Run 1 Run 2 Run 3 Run 4 Run 5 Average STDEV 
Condenser g 126.2 122.5 127.9 125.0 122.0 124.7 2.5 
Evaporator g 22.0 21.8 28.0 22.7 20.7 23.0 2.9 
Compressor g 40.2 39.3 42.9 39.2 38.5 40.0 1.7 
Liquid line g 123.2 118.0 119.8 129.3 123.1 122.7 4.3 
Total collected g 311.6 301.6 318.6 316.2 304.3 310.5 – 
Actual charge g 330.0 330.0 330.0 330.0 330.0 330.0 – 
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Error –   -5.6% -8.6% -3.5% -4.2% -7.8% -5.9% – 
 
Charge in each section of the system depends on its internal volume of its constituting 
components and the state of refrigerant. Charge is simply mass, which is the product of volume 
and density, and the higher the internal volume and density, the more charge in the component. 
For the state of refrigerant, three different kinds should be distinguished: superheated, two-phase, 
and subcooled (states above the critical point are not discussed). Most of the connection pipes 
contain single-phase refrigerant (either superheated or subcooled); accumulator always contain 
two completely separated phases (liquid and vapor). 
Heat exchangers contain two-phase refrigerant (due to phase change) and single-phase 
refrigerant. For example, refrigerant in the condenser usually would go through all three states – 
starts with superheated, then two-phase, and last subcooled. Most of the charge is due to the two-
phase and subcooled parts due to the high density of the refrigerant in these states. That is why in 
the experiment condenser and liquid line are found to be the components that retain the most charge. 
For the evaporator, the inlet state of the refrigerant is two-phase, and the outlet state is superheated 
vapor, so the evaporator retains much less charge than the condenser.  
Refrigerant charge in the compressor includes the refrigerant present in the compressor 
volume plus the refrigerant dissolved in the lubricant. The first quantity is easy to estimate and is 
just the product of refrigerant density and the compressor volume. The latter depends very much 
on the refrigerant and the lubricant type and the operating conditions. The portion of refrigerant in 
the compressor would become larger in units with the minimum charge compared with 
conventional units. 
To conclude, for the charge reduction purpose, only components with a large internal volume 
containing subcooled or two-phase refrigerant are of main concern. Since the condenser is found 
to be the component that retains the most charge, it should be the main target to modify at the aim 
of minimizing charge in the system. 
 
4.3 Charge variation in repeated runs 
19 
 
The results of charge distribution experiments for five runs are supposed to be the same. 
However, due to the following reasons, the results vary in practice.  
 There is an error in the actual charge to the system. Before charging the system, a small 
amount of refrigerant may be still in the system by means of being absorbed in the 
lubricant in the compressor or being trapped in some narrow areas. This would lead to 
an error of the actual amount of charge within the system, which in turn would 
influence the charge amount in each component.  
 Variation in conditions influences charge distribution. Conditions like the ambient 
temperature, humidity, and power supplies vary slightly, which would influence the 
performance of the refrigeration system and the charge.  
 There are errors due to human operation during the process of Quick Closing Valve 
Technique and Remove and Weigh Technique, and errors due to measurement 
inaccuracies. 
 
 
Figure 4-3 Charge comparison in each component among five repeated runs. 
Figure 4-3 shows charge variation in each component. Charge in the compressor does not vary 
much. Refrigerant charge in the compressor includes the refrigerant present in the compressor 
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volume plus the refrigerant dissolved in the lubricant, which are both relatively constant under the 
same operation condition.  
Charge variation in the liquid line is mainly due to the variation of total charge amount within 
the system. More total charge means more subcooling of the refrigerant at the outlet of condenser 
and more charge in the liquid line. The liquid line could be employed to accommodate the 
variations of the charge amount under different operation conditions similar to a high side receiver.  
Charge varies more in evaporator than condenser, so here we mainly analyze the charge 
variation in the evaporator. For a small system without control of the superheat, performance 
would be influenced by the actual charge amount, which would further affect the charge 
distribution within the systems. See Figure 4-4 and Figure 4-5. The amount of charge in the 
evaporator is closely related with the cabinet temperature. The higher the cabinet temperature, the 
higher the refrigerant temperature at the outlet of the evaporator, the more portion of the 
superheated region and the less portion of the two-phase region, which results in less charge in the 
evaporator. At the same time, the higher the cabinet temperature, the lower the refrigerant density 
at the compressor suction point assuming the refrigerant is superheated. It makes a lower mass 
flow rate, since the compressor speed is constant. A lower mass flow rate would further increase 
the portion of the superheated region and lower the charge in the evaporator. However the process 
would be very complex for such a highly charge – condition coupled system. 
 
Figure 4-4 The higher the cabinet temperature, the less charge in the evaporator. 
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Figure 4-5 The higher the superheating of the refrigerant at the evaporator outlet, the less charge 
in the evaporator. 
 
4.4 Charge distribution in the evaporator simulated by model 
In order to better understand the charge inside heat exchangers, models are built to predict 
performance and charge of heat exchangers. Detailed information about the model could be found 
in CHAPTER 5. Using the evaporator model, charge distributions along the evaporator tube under 
different conditions are obtained.  
Table 4-2 shows the inputs for five runs, including air-side temperature (cabinet temperature) 
and velocity, refrigerant-side pressure and enthalpy at the inlet of evaporator, and the refrigerant 
mass flow rate. Notice the inlet qualities of refrigerant to the evaporator are relatively constant 
(between 0.26 and 0.27). 
Table 4-2 Inputs to the evaporator model. 
Run # 𝑇𝑒𝑎𝑖 𝑉𝑒𝑎𝑖  𝑃𝑒𝑟𝑖 ℎ𝑒𝑟𝑖 𝑥𝑒𝑟𝑖 ?̇?𝑟𝑒𝑓 
 °C m/s kPa kJ/kg – g/s 
1 20.91 0.74 295.0 104.5 0.26 2.16 
2 21.27 0.74 296.2 106.6 0.27 2.18 
3 19.00 0.74 305.9 105.3 0.26 2.28 
4 20.57 0.74 295.3 105.0 0.27 2.16 
5 22.41 0.74 291.1 105.2 0.27 2.10 
 
Table 4-3 shows the outputs from the model compared to the experimental data. The errors 
for the outlet enthalpy values between the model and experiment are within 1.0 % and the highest 
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deviation for the superheating degree of the refrigerant at the outlet of evaporator between the 
model and experiment is -2.5 °C. 
Table 4-3 Outputs from the model comparing to the experimental data. 
Run # ℎ𝑒𝑟𝑜 ℎ𝑒𝑟𝑜 𝜀 𝐷𝑇𝑒𝑟𝑜 𝐷𝑇𝑒𝑟𝑜 𝜀 
Source model exp  model exp  
 kJ/kg kJ/kg % °C °C °C 
1 265.5 264.0 +0.6 17.0 15.4 +1.6 
2 266.0 264.4 +0.6 17.4 15.7 +1.7 
3 259.1 261.2 -0.8 9.05 11.5 -2.5 
4 265.1 264.8 -0.1 16.42 16.2 +0.2 
5 268.2 267.0 -0.4 20.21 19.1 +1.1 
 
Table 4-4 compares the charge in the evaporator between the model and experiments. In the 
model, Homogeneous, Zivi (1964), Rouhani and Axelsson (1970) and Graham et al. (1999) void 
fraction correlations are used to predict two-phase refrigerant charge in the evaporator for each 
run. Different void fraction correlations result in different charge distributions in the two-phase 
region in the evaporator. The Homogeneous void fraction correlation predicts the lowest charge. 
The Zivi (1964) correlation underestimates the charge in the evaporator, while the Rouhani and 
Axelsson (1970) and Graham et al. (1999) correlations predict evaporator charge well. 
Table 4-4 Comparison of charge in the evaporator between the model and experiments. 
Run  
# 
Void fraction  
correlation 
Charge  
(model) 
Charge  
(exp) 
Error 
  g g % 
1 
Homogeneous 6.7 
22.0 
-69.5 
Zivi (1964) 14.7 -33.2 
Graham et al. (1999) 23.1 +5.0 
Rouhani and Axelsson (1970) 24.4 +10.9 
2 
 
Homogeneous 6.6 
21.8 
-69.7 
Zivi (1964) 14.2 -34.9 
Graham et al. (1999) 22.3 +2.3 
Rouhani and Axelsson (1970) 24.4 +11.9 
3 
 
Homogeneous 7.6 
28.0 
-72.9 
Zivi (1964) 17.6 -37.1 
Graham et al. (1999) 27.5 -1.8 
Rouhani and Axelsson (1970) 29.1 +3.9 
4 
 
Homogeneous 6.7 22.7 
 
-70.5 
Zivi (1964) 14.8 -34.8 
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Graham et al. (1999) 23.3 +2.6 
Rouhani and Axelsson (1970) 24.6 +8.4 
5 
 
Homogeneous 6.3 
20.7 
 
-69.6 
Zivi (1964) 13.2 -36.2 
Graham et al. (1999) 20.8 +0.5 
Rouhani and Axelsson (1970) 22.0 +6.3 
 
The errors of charge between the model and experiments are either due to the experimental 
errors or model imperfections. 
 Experimental errors 
o Experiments of charge distribution determination were conducted by three people 
to close the valves and shut down the system power at the same time. Operation by 
people might cause errors.  
o A small amount of refrigerant would fail to be collected when repeating connecting 
and disconnecting the receiver to the component of interest. 
o There is some lubricant in the compressor and a little throughout the whole system, 
which would absorb some refrigerant.  
o Measurement errors from scales. 
 Model imperfections 
o The air side temperature and velocity distributions are assumed to be uniform at the 
inlet of each heat exchanger in the model. In practice, there are very complex 
temperature and velocity distributions around each heat exchanger. 
o Uncertainty in sensors results in errors in air and refrigerant inlet conditions 
o Oil circulation effects are not considered. 
Figure 4-6 shows charge distributions predicted by the model using different void fraction 
correlations. Charge in heat exchangers depends on its internal volume and the state of refrigerant 
– superheated, two-phase, or subcooled. At the inlet of the evaporator the refrigerant is two-phase 
and at the outlet it is superheated vapor. Charge distributions of Run 1, 2 and 4 are quite similar, 
while Run 3 and Run 5 show two extremes. In Run 3, the cabinet temperature is the lowest, the 
mass flow rate is the highest, and the evaporator holds the highest portion of two-phase refrigerant 
and lowest portion of superheated refrigerant, which result in the largest charge retention among 
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five runs. On the contrary, in Run 5, the cabinet temperature is the highest, the mass flow rate is 
the lowest, and the portion of superheated refrigerant is the largest, which result in the least charge. 
 
Figure 4-6 Charge distributions along the evaporator (in total 6.5 m) for five runs predicted by 
the model using different void fraction correlations. 
 
4.5 Charge distribution in the condenser simulated by model 
Similarly, performance and charge distribution of the condenser under different conditions can 
be obtained using condenser model. Detailed model descriptions could be found in CHAPTER 5. 
According to the Figure 4-3, charge in the condenser does not vary much for the five runs, so only 
averaged values are evaluated here. 
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Table 4-5 compares the charge in the condenser between the model and experiments. In the 
model, Homogeneous, Zivi (1964), Rouhani and Axelsson (1970) and Graham et al. (1999) void 
fraction correlations are used to predict two-phase refrigerant charge in the condenser. Different 
void fraction correlations result in different charge distributions in the two-phase region in the heat 
exchanger. The Homogeneous void fraction correlation predicts the lowest charge, while the Zivi 
(1964), Rouhani and Axelsson (1970) and Graham et al. (1999) void fraction correlations 
overestimate charge inside the condenser.  
Table 4-5 Comparison of charge in the condenser between the model and experiments (averaged 
value). 
Void fraction  
correlation 
Charge  
(model) 
Charge  
(exp) 
Error 
– g g % 
Homogeneous 98.8 
124.7 
-20.8 
Zivi (1964) 141.7 +13.6 
Graham et al. (1999) 154.4 +23.8 
Rouhani and Axelsson (1970) 160.1 +28.4 
 
Figure 4-7 shows the charge distributions predicted by the condenser model using different 
void fraction correlations. Charge in heat exchangers depends on its internal volume and the state 
of refrigerant – superheated, two-phase, or subcooled. Refrigerant in condenser goes through all 
three states – starts with superheated (de-superheating zone), then two-phase, and last subcooled. 
Most of the charge is due to the two-phase and subcooled parts due to the high density of the 
refrigerant in these states. From the figure, we can also see the profiles of different void fraction 
correlations over the quality range from 0 to 1. The Homogeneous void fraction correlation 
predicts the lowest charge, while the Zivi (1964), Rouhani and Axelsson (1970) and Graham et al. 
(1999) void fraction correlations predict much more. 
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Figure 4-7 Charge distributions along the condenser (in total 12.0 m) predicted by the model 
using different void fraction correlations. 
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CHAPTER 5 SIMULATION DESCRIPTION 
Jin and Hrnjak (2013) experimentally measured refrigerant and oil charge in an automotive 
AC system. They have also developed a model and validated it by their experiments (Jin and 
Hrnjak, 2014). By applying the same methodology, two heat exchanger models were built and 
validated by experimental data. By connecting two heat exchanger models with one compressor 
model and one expansion model, a system model was also built. Performance of the system and 
charge in the two heat exchangers could be predicted under different conditions.  
5.1 Heat exchanger model 
Basic geometries of condenser and evaporator are shown in Figure 5-1 and Table 5-1. The 
condenser is a round tube, which is curved to a cubic-like shape. The condenser fan is located 
inside the condenser, which blows cool air from the ambient to the condenser tube. The evaporator 
is a round-tube-plate-fin heat exchanger with an accumulator at the outlet. The evaporator fan is 
installed behind it. 
         
Figure 5-1 Schematics of condenser (left) and evaporator (right).  
 
Table 5-1 Geometry of condenser and evaporator. 
CONDENSER 
External diameter: mm 7.938 
Internal diameter: mm 6.922 
Material: – Cu 
Tube length: m 11.2 
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Condenser front: mm 290 
Condenser height: mm 193 
Condenser depth: mm 203 
EVAPORATOR 
Fin material: – Al 
Number of fins: – 96 
Fin density: fins/inch 6 
Tube material: – Cu 
External diameter: mm 7.938 
Internal diameter: mm 7.608 
 
The Finite Volume Method is adopted in the heat exchanger models. The total number of the 
finite volumes for each heat exchanger is determined by applying sensitivity analysis – increasing 
the finite volume number until the output values change only within 0.1%. As a result, the 
condenser is divided into 416 finite volumes and the evaporator is divided into 280 finite volumes.  
Within each finite volume, the heat transfer between the air and the refrigerant is calculated 
by applying the Effectiveness - Number of Transfer Unit (𝜀 − 𝑁𝑇𝑈) method. The outlet refrigerant 
state can be calculated if the inlet refrigerant state, the mass flow rate, and the air side information 
are given. Then the outputs of this volume can be used as the inputs of the next volume for the 
refrigerant side. This way, heat transfer, pressure drop and refrigerant charge could be calculated 
in every volume.  
Several assumptions are assumed to build heat exchanger models: 
 The air side temperature and velocity are assumed to be uniform at the inlet of each 
heat exchanger in the model. A hot-wire-anemometer was used to measure the 
temperature and velocity distributions around each heat exchanger, and the averaged 
values are used as reference. 
 Effects of oil in circulation are neglected. 
Table 5-2 lists all the correlations used for heat exchangers. The choice is based on heat 
exchanger types. 
Table 5-2 Correlations used in condenser and evaporator models. 
 Condenser (Round tube) 
Evaporator (Round tube w/ 
plate fins) 
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Air 
side 
1-
phase 
HTC 
Churchill and Bernstein 
(1977) 
Kim et al. (1999) 
Refrigerant 
side 
1-
phase 
HTC Gnielinski (1976) Gnielinski (1976) 
DP/f Churchill (1977) Churchill (1977) 
2-
phase 
HTC Cavallini et al. (2006) Gungor and Winterton (1986) 
DP Friedel (1979) Friedel (1979) 
𝛼 
Homogeneous, Zivi (1964), Rouhani and Axelsson (1970), 
Graham et al. (1999) 
 
5.1.1 Heat transfer and pressure drop 
The Effectiveness – Number of Transfer Unit (𝜀 − 𝑁𝑇𝑈) method is used to calculate the heat 
transfer between the air and the refrigerant. As outlined by Incropera and DeWitt (2007), the 
maximum possible heat transfer in one finite volume is defined as 
 𝑄𝑚𝑎𝑥 = 𝐶𝑚𝑖𝑛(𝑇𝑟𝑒𝑓,𝑖𝑛 − 𝑇𝑎𝑖𝑟,𝑖𝑛) 
(5-1) 
Where 𝐶𝑚𝑖𝑛 is the smaller value between 𝐶𝑎𝑖𝑟  and 𝐶𝑟𝑒𝑓 , the product of mass flow rate and the 
specific heat, which is also known as heat capacity rate. 
The actual heat transfer in one finite volume is given as 
 𝑄 = 𝜀𝐶𝑚𝑖𝑛(𝑇𝑟𝑒𝑓,𝑖𝑛 − 𝑇𝑎𝑖𝑟,𝑖𝑛) 
(5-2) 
And the effectiveness 𝜀 is defined as the ratio of the actual to the maximum possible heat 
transfer. 
 𝜀 = 𝑄/𝑄𝑚𝑎𝑥 
(5-3) 
 
The effectiveness 𝜀 is a function of 𝑁𝑇𝑈 and heat capacity ratio 𝐶𝑟. 𝑁𝑇𝑈 is defined as the 
ratio of the overall heat transfer coefficient to the heat capacity rate as shown in Equation ((5-4). 
The heat capacity ratio 𝐶𝑟 is defined in Equation ((5-5). 
30 
 
 𝑁𝑇𝑈 =
𝑈𝐴
𝐶𝑚𝑖𝑛
 
(5-4) 
 𝐶𝑟 =
𝑚𝑖𝑛(𝐶𝑟𝑒𝑓, 𝐶𝑎𝑖𝑟)
𝑚𝑎𝑥(𝐶𝑟𝑒𝑓 , 𝐶𝑎𝑖𝑟)
=
𝐶𝑚𝑖𝑛
𝐶𝑚𝑎𝑥
 
(5-5) 
Equation ((5-6) is used for single phase cross flow and Equation ((5-7) is used for two phase 
flow. 
 𝜀 = 1 − 𝑒𝑥𝑝 [(
1
𝐶𝑟
) ∙ 𝑁𝑇𝑈0.22 ∙ (𝑒𝑥𝑝[−𝐶𝑟 ∙ 𝑁𝑇𝑈
0.78] − 1)] 
(5-6) 
 𝜀 = 1 − 𝑒𝑥𝑝(−𝑁𝑇𝑈) 
(5-7) 
The overall heat transfer coefficient, 𝑈𝐴, is defined in terms of the total thermal resistance to 
the heat transfer between the air and the refrigerant. The resistance(s) to heat flow through the tube 
wall is neglected. 
 
1
𝑈𝐴
=
1
𝜂ℎ𝑎𝑖𝑟𝐴𝑎𝑖𝑟
+
1
ℎ𝑟𝑒𝑓𝐴𝑟𝑒𝑓
 
(5-8) 
Where ℎ𝑎𝑖𝑟  and ℎ𝑟𝑒𝑓  are heat transfer coefficients of the air-side and the refrigerant-side, 
respectively, and 𝜂 is the overall surface efficiency. 
The heat transfer coefficient ℎ  can be deduced from the Nusselt number 𝑁𝑢  and the 
conductive heat transfer coefficient 𝑘. The Nusselt number 𝑁𝑢 is defined as the ratio of convective 
to conductive heat transfer across the boundary. 
 ℎ =
𝑁𝑢 ∙ 𝑘
𝐷
 
(5-9) 
 
Typically, for forced convection, Nusselt number is generally a function of Reynolds number 
and Prandtl number. Different correlations could be used to determine Nusselt number. 
 𝑁𝑢 = 𝑓𝑢𝑛𝑐𝑡𝑖𝑜𝑛(𝑅𝑒, 𝑃𝑟) 
(5-10) 
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5.1.2 Air-side heat transfer coefficient  
For round-tube heat exchangers, the Churchill and Bernstein (1977) correlation is used to 
estimate the surface averaged Nusselt number for a cylinder in cross flow at various velocities, in 
the condition of 𝑅𝑒𝐷𝑃𝑟 ≥ 0.2. All the properties should be evaluated at the film temperature 𝑇𝑓, 
and the wall temperature 𝑇𝑤𝑎𝑙𝑙  can be calculated by iteration.  
 𝑁𝑢̅̅ ̅̅ 𝐷 = 0.3 +
0.62𝑅𝑒𝐷
1/2𝑃𝑟1/3
[1 + (0.4/𝑃𝑟)2/3]1/4
[1 + (
𝑅𝑒𝐷
282000
)
5/8
]
4/5
 
(5-11) 
 𝑇𝑓 =
1
2
(𝑇𝑤𝑎𝑙𝑙 + 𝑇𝑎𝑖𝑟) (5-12) 
For round-tube-plate-fin heat exchangers with staggered tube arrangements, the Kim et al. 
(1999) correlation is used to calculate the air-side heat transfer coefficient for the case of three 
rows. 
 𝑗𝑁=3 = 0.163𝑅𝑒𝑎𝑖𝑟
−0.369 (
𝑆𝑡
𝑆𝑙
)
0.106
(
𝑠
𝐷
)
0.0138
(
𝑆𝑡
𝐷
)
0.13
 
(5-13) 
 
𝑆𝑡 =
𝑗𝑁=3
𝑃𝑟𝑎𝑖𝑟
2/3 
(5-14) 
 ℎ𝑎𝑖𝑟 = 𝑆𝑡 ∙ 𝜌𝑎𝑖𝑟𝑢𝑎𝑖𝑟𝑐𝑝,𝑎𝑖𝑟  
(5-15) 
5.1.3 Refrigerant-side heat transfer coefficient  
For a traditional condensation or boiling process, three parts are distinguished: Superheated, 
two-phase and subcooled. Here in the condenser model, one more part is added between the 
superheated and two-phase regimes during condensation, which is called de-superheating zone. 
According to Kondou and Hrnjak (2012), in the de-superheating zone, the wall temperature is 
equal to or below the saturation temperature while the bulk refrigerant is superheated. 
For single phase flow, the Gnielinski (1976) correlation is used to calculate the refrigerant-
side heat transfer coefficient for turbulent flow in a circular tube. The correlation is valid for 0.5 ≤
𝑃𝑟 ≤ 2000, and 3000 ≤ 𝑅𝑒 ≤ 5 × 106. 
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 𝑁𝑢𝐷 =
(𝑓/8)(𝑅𝑒𝐷 − 1000)𝑃𝑟
1 + 12.7(𝑓/8)1/2(𝑃𝑟2/3 − 1)
 
(5-16) 
All the properties should be evaluated at the mean temperature of the surface and the ambient. 
𝑓 is the Darcy friction factor, which can either be obtained from the Moody chart or more precisely 
by solving the Colebrook equation.  
During two-phase condensation in horizontal round-tubes, the Cavallini (2006) correlation is 
used to calculate the refrigerant-side heat transfer coefficient. The model includes a simple and 
objective criterion for the definition of the transition between two different flow categories, 
depending on whether the heat transfer coefficient is dependent or independent of the temperature 
difference ∆𝑇 between the refrigerant at saturation and wall. Refer to the original paper for the 
notations in Equations ((5-17) and ((5-18). 
For the ∆𝑇-independent flow regime (𝐽𝐺 > 𝐽𝐺
𝑇): 
 
𝛼𝐴 = 𝛼𝐿𝑂[1 + 1.128𝑥
0.8170(𝜌𝐿/𝜌𝐺)
0.3685(𝜇𝐿/𝜇𝐺)
0.2363
× (1 − 𝜇𝐺/𝜇𝐿)
2.144𝑃𝑟𝐿
−0.100] (5-17) 
For the ∆𝑇-dependent flow regime (𝐽𝐺 ≤ 𝐽𝐺
𝑇): 
 𝛼𝐷 = [𝛼𝐴(𝐽𝐺
𝑇/𝐽𝐺)
0.8 − 𝛼𝑆𝑇𝑅𝐴𝑇](𝐽𝐺/𝐽𝐺
𝑇) + 𝛼𝑆𝑇𝑅𝐴𝑇  
(5-18) 
Where 𝐽𝐺
𝑇 = {[7.5/(4.3𝑋𝑡𝑡
1.111 + 1)]−3 + 𝐶𝑇
−3}−1/3,  𝛼𝐿𝑂 =
0.023𝑅𝑒𝐿𝑂
0.8𝑃𝑟𝐿
0.4𝜆𝐿
𝐷
, and 𝛼𝑆𝑇𝑅𝐴𝑇 =
0.725{1 + 0.741[(1 − 𝑥)/𝑥]0.3321}−1 × [𝜆𝐿
3𝜌𝐿(𝜌𝐿 − 𝜌𝐺)𝑔ℎ𝐿𝐺/(μ𝐿𝐷Δ𝑇)]
0.25 + (1 − 𝑥0.087)𝛼𝐿𝑂 .  
In the plate-fin heat exchanger, the Gungor and Winterton (1986) correlation is used to 
calculate the two-phase forced boiling heat transfer coefficient ℎ𝑡𝑝. 
 ℎ𝑡𝑝 = 𝐸ℎ𝑙 + 𝑆ℎ𝑝𝑜𝑜𝑙 
(5-19) 
 ℎ𝑙 = 0.023𝑅𝑒𝑙
0.8𝑃𝑟𝑙
0.4𝑘𝑙/𝑑 
(5-20) 
 ℎ𝑝𝑜𝑜𝑙 = 55𝑃𝑟
0.12(− log10 𝑃𝑟)
−0.55𝑀−0.5𝑞0.67 
(5-21) 
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 𝐸 = 𝐸2[1 + 24000𝐵𝑜
1.16 + 1.37(1/𝑋𝑡𝑡)
0.86] 
(5-22) 
 𝑆 = 𝑆2 [
1
1 + 1.15 × 10−6𝐸2𝑅𝑒𝑙
1.17] (5-23) 
If the tube is horizontal and 𝐹𝑟 < 0.05, then 
 𝐸2 = 𝐹𝑟
(0.1−2𝐹𝑟) 𝑎𝑛𝑑 𝑆2 = √𝐹𝑟 (5-24) 
Else 
 𝐸2 =  𝑆2 = 1 (5-25) 
5.1.4 Refrigerant-side pressure drop  
For single phase flow, the following equation is used to calculate the friction pressure drop in 
a horizontal tube. 
 ∆𝑃 = 𝑓𝐷 ∙
𝐿𝐺2
2𝜌𝐷
 
(5-26) 
Where 𝑓𝐷  is the Darcy friction factor, which can be found from a Moody diagram or more 
precisely by solving the Colebrook equation. Here Churchill’s (1977) friction factor was used in 
the model. It is an explicit representation for turbulent friction factor in both laminar and turbulent 
regions with smooth or rough pipes. 
 𝑓𝑐 =
𝑓𝐹
2
= [(
8
𝑅𝑒
)
12
+
1
(𝐴 + 𝐵)3/2
]
1/12
 
(5-27) 
Where 𝐴 = [2.457 (
1
(
7
𝑅𝑒
)
0.9
+0.27
𝜀
𝐷
)]
16
, and 𝐵 = (
37530
𝑅𝑒
)
16
. 
In two-phase flow there are three components to the pressure drop: Frictional, accelerational, 
and gravitational. 
 (
𝑑𝑃
𝑑𝑧
)
𝑡𝑝
= (
𝑑𝑃
𝑑𝑧
)
𝑓
+ (
𝑑𝑃
𝑑𝑧
)
𝑎
+ (
𝑑𝑃
𝑑𝑧
)
𝑔
 
(5-28) 
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In horizontal tube studies, the gravitational pressure drop is neglected. The acceleration 
component can be calculated from a momentum balance if the void fraction is known. 
 (
𝑑𝑃
𝑑𝑧
)
𝑎
= −
𝐺2
𝐿
[{
𝑥𝑜
2
𝜌𝑣𝛼𝑜
+
(1 − 𝑥𝑜)
2
𝜌𝑙(1 − 𝛼𝑜)
} − {
𝑥𝑖
2
𝜌𝑣𝛼𝑖
+
(1 − 𝑥𝑖)
2
𝜌𝑙(1 − 𝛼𝑖)
}] 
(5-29) 
To determine the frictional component of the pressure drop for two-phase flow, many two-
phase pressure drop correlations take the form of a two-phase multiplier 𝜙𝑥, where the two-phase 
pressure drop is related to either the liquid or vapor single-phase pressure drop. Two-phase 
multipliers are defined from Equation ((5-30) to ((5-33): 
 𝜙𝑙
2 = (
𝑑𝑃
𝑑𝑧
)
𝑓
/ (
𝑑𝑃
𝑑𝑧
)
𝑙
 
(5-30) 
 𝜙𝑣
2 = (
𝑑𝑃
𝑑𝑧
)
𝑓
/ (
𝑑𝑃
𝑑𝑧
)
𝑣
 
(5-31) 
 𝜙𝑙𝑜
2 = (
𝑑𝑃
𝑑𝑧
)
𝑓
/ (
𝑑𝑃
𝑑𝑧
)
𝑙𝑜
 
(5-32) 
 𝜙𝑣𝑜
2 = (
𝑑𝑃
𝑑𝑧
)
𝑓
/ (
𝑑𝑃
𝑑𝑧
)
𝑣𝑜
 
(5-33) 
The single-phase pressure drop can be calculated by 
 (
𝑑𝑃
𝑑𝑧
)
𝑣
= −
2𝑓𝑣(𝑥𝐺)
2
𝜌𝑣𝐷
 
(5-34) 
 (
𝑑𝑃
𝑑𝑧
)
𝑙
= −
2𝑓𝑙(1 − 𝑥)
2𝐺2
𝜌𝑙𝐷
 
(5-35) 
 (
𝑑𝑃
𝑑𝑧
)
𝑣𝑜
= −
2𝑓𝑣𝑜𝐺
2
𝜌𝑣𝐷
 
(5-36) 
 (
𝑑𝑃
𝑑𝑧
)
𝑙𝑜
= −
2𝑓𝑙𝑜𝐺
2
𝜌𝑙𝐷
 
(5-37) 
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Friedel (1979) developed a correlation based on data from experiments with steam-water, R12, 
air-water, and air-oil mixtures in horizontal flow and both vertical up and vertical down flow. For 
horizontal flows: 
 𝜙𝑙𝑜
2 = 𝐶1 +
3.24𝐶2
𝐹𝑟0.045𝑊𝑒0.035
 
(5-38) 
Where 𝐶1 = (1 − 𝑥)
2 + 𝑥2 (
𝜌𝑙
𝜌𝑣
) (
𝑓𝑣𝑜
𝑓𝑙𝑜
),  𝐶2 = 𝑥
0.78(1 − 𝑥)0.24 (
𝜌𝑙
𝜌𝑣
)
0.91
(
𝜇𝑣
𝜇𝑙
)
0.19
(1 −
𝜇𝑣
𝜇𝑙
)
0.7
. 
 
5.2 Void fraction and charge model 
5.2.1 Void fraction correlations 
The void fraction is very important in characterizing two-phase flow. In a vapor-liquid flow, 
the void fraction is usually defined as the fraction of the cross-sectional area that is occupied by 
the gas phase with respect to the total cross-sectional area of the flow channel. It is needed in 
calculating two-phase density, two-phase viscosity, and predicting flow patterns, heat transfer, 
pressure drop, etc. In the literature, numerous correlations have been developed to determine the 
void fraction in two-phase flow. Here several void fraction correlations are tested, including 
Homogeneous, Zivi (1964), Armand (1946), Lockhart and Martinelli (1949), Rouhani and 
Axelsson (1970), Niño et al. (2002), and Graham et al. (1999).  
In two-phase flow, slip ratio in vapor-liquid flow, is defined as the ratio of the velocity of the 
vapor phase to the velocity of the liquid phase. 
 𝑆 =
𝑢𝑣
𝑢𝑙
 
(5-39) 
Several void fraction correlations are of the form of Equation (5-40). 
 
𝛼 =
1
1 +
(1 − 𝑥)
𝑥 (
𝜌𝑣
𝜌𝑙
) ∙ 𝑆
 
(5-40) 
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Usually vapor moves faster than liquid, so the slip ratio is equal to or greater than 1. The 
Homogeneous void fraction correlation is a special case where the slip ratio is 1. The 
Homogeneous void fraction is reasonably accurate for only a limited rage of circumstances, 
because it assumes the liquid and vapor phases travel at the same velocity without liquid-vapor 
interactions. These ideal homogeneous flows are characterized by low pressure drops and high 
void fractions. 
 
𝛼𝐻 =
1
1 +
(1 − 𝑥)
𝑥
𝜌𝑣
𝜌𝑙
 
(5-41) 
The Zivi (1964) void fraction model was proposed for annular flow, which assumes that the 
total kinetic energy of the two phases will seek to be a minimum. It also assumes that no liquid is 
entrained in the central vapor core and the wall friction is negligible. 
 
𝛼𝑍𝑖𝑣𝑖 =
1
1 +
(1 − 𝑥)
𝑥 (
𝜌𝑣
𝜌𝑙
)
2/3 
(5-42) 
Compared to the Homogeneous and Zivi (1964) correlations, mass-flux dependent 
correlations are more complete in describing the flow, because they include the effects of mass 
flux and surface tension on void fraction. The Rouhani and Axelsson (1970) correlation has been 
recommended as having an accurate predictive capability compared with other correlations 
(Woldesemayat and Ghajar, 2007). 
 
𝛼𝑅𝑜𝑢𝐴𝑥𝑒 =
𝑥
𝜌𝑣
[(1 + 0.12(1 − 𝑥)) (
𝑥
𝜌𝑣
+
1 − 𝑥
𝜌𝑙
)
+
1.18(1 − 𝑥)[𝑔𝜎(𝜌𝑙 − 𝜌𝑣)]
0.25
𝐺𝑟𝜌𝑙
0.5 ]
−1
 
(5-43) 
Graham et al. (1999) suggest the following void fraction correlation in both condensation and 
evaporation in smooth tubes. It combines the effects of the Lockhart-Martinelli parameter 𝑋𝑡𝑡, and 
the Froude rate 𝐹𝑡. The Froude rate 𝐹𝑡 is related to the ratio of the vapor flow’s power to the power 
required to move liquid from the bottom to the top of a tube. The correlation is given by Equation 
(5-44). 
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 𝛼𝐺𝑟𝑎ℎ𝑎𝑚 = [1 +
1
𝐹𝑡
+ 𝑋𝑡𝑡]
−0.321
 
(5-44) 
 𝐹𝑡 = √
𝐺𝑟2𝑥3
(1 − 𝑥)𝜌𝑣2𝑔𝐷ℎ
 
(5-45) 
 𝑋𝑡𝑡 = (𝜇𝑙 𝜇𝑣⁄ )
0.1 (
1 − 𝑥
𝑥
)
0.9
(𝜌𝑣 𝜌𝑙⁄ )
0.5 
(5-46) 
5.2.2 Mass flux affects void fraction 
Mass flux is the rate of mass flow per unit area. See Figure 5-2. The Homogeneous, Zivi 
(1964), Armand (1946), and Lockhart and Martinelli (1949) correlations show a fixed relationship 
between quality and void fraction.  
 
Figure 5-2 Homogeneous, Zivi (1964), Armand (1946), and Lockhart and Martinelli (1949) 
correlations show a fixed relationship between quality and void fraction (R134a, 𝐺𝑟=63.8 kg/s-
m2,  𝐷ℎ=6.922 mm, 𝑇𝑠𝑎𝑡=5 °C). 
For some other correlations, void fraction is not only a function of quality, but also a function 
of mass flux, such as Rouhani and Axelsson (1970) and Graham et al. (1999) void fraction 
correlations, which are shown in Figure 5-3. The higher the mass flux, the higher the void fraction 
would be. 
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Figure 5-3 Rouhani and Axelsson (1970) and Graham et al. (1999) correlations show that the 
void fraction increases as the mass flux increases (R134a, 𝐷ℎ = 6.922 mm, 𝑇𝑠𝑎𝑡 = 5 °C). 
Higher mass flux leads to higher void fraction mainly due to a change of flow regime. Nasr et 
al. (2010) show that for a higher mass flux, the flow pattern will be changed from stratified flow 
to annular flow earlier than a lower mass flux in the evaporator, which is beneficial for heat transfer 
since the annular flow has a higher heat transfer coefficient than stratified flow. Related work by 
Hrnjak (2010) also shows higher mass fluxes result in higher void fraction. 
5.2.3 Tube diameter affects void fraction 
For the Graham et al. (1999) correlation, void fraction is not only a function of quality and 
mass flux, but also a function of internal diameter. See Figure 5-4. Void fraction increases as the 
internal diameter decreases for the same mass flux. For a smaller tube diameter and the same mass 
flux, the flow regime changes, which affects void fraction. However, by comparing Figure 5-4 to 
Figure 5-3, we see that the influence of tube diameter on void fraction is not as significant as the 
influence of mass flux.  
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Figure 5-4 Graham et al. (1999) correlation shows that the void fraction decreases as the 
hydraulic diameter of the tube increases (R134a, G = 63.8 kg/s-m2, 𝑇𝑠𝑎𝑡 = 5 °C). 
5.2.4 Refrigerant affects void fraction 
Under the same condition, different refrigerants show different void fraction characteristics. 
Figure 5-5 shows void fraction characteristics of R717 (left) and R744 (right) using different void 
fraction correlations at the saturation temperature of 5 °C. The void fraction of R717 (Ammonia) 
is much higher than R744 (Carbon dioxide) under the same saturation temperature, quality, mass 
flux and tube diameter. 
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Figure 5-5 Void fraction characteristics of R717 (left) and R744 (right) using different void 
fraction correlations at 𝑇𝑠𝑎𝑡 = 5 °C. 
Table 5-3 lists the refrigerant properties of R717 and R744 at the saturation temperature of 
5 °C. We see that the ratio of the saturation liquid density to the saturation vapor density for R717 
is much larger than R744, so for the same quality, a larger volume of vapor would exist in the tube 
for R717 compared with R744. That is why the void fraction of R717 is much higher than R744 
under the same condition.  
Table 5-3 Refrigerant properties of R717 and R744 (𝑇𝑠𝑎𝑡 = 5 °C). 
 
 
5.2.5 Charge model 
For a single phase fluid (either superheated or subcooled), the total charge can be calculated 
by Equation (5-47). If the density is assumed to be constant in a small length of tube, the mass 
equation could be simplified to Equation (5-48).  
 𝑚𝑡 = ∫ 𝜌
𝐿
0
𝑑𝑉 
(5-47) 
 𝑚𝑡 = 𝜌 ∙ 𝑉 (5-48) 
 
𝑇𝑐𝑟𝑖𝑡 𝑃𝑐𝑟𝑖𝑡 𝑇𝑠𝑎𝑡 𝜌𝑠𝑎𝑡,𝑙 𝜌𝑠𝑎𝑡,𝑣 
𝜌𝑠𝑎𝑡,𝑙
𝜌𝑠𝑎𝑡,𝑣
 
°C kPa kPa kg/m3 kg/m3 – 
R717 132 11333 516 632 4 158 
R744 31 7377 3969 896 115 8 
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For two-phase refrigerant contained in a length of tube, mass is obtained by summing the 
vapor and liquid contributions occupying each cross-sectional area over the length of tube. These 
contributions are given separately by Equations (5-49) and (5-50): 
 𝑚𝑣 = ∫ 𝜌𝑣 ∙ 𝑑𝑉𝑣
𝐿
0
= 𝜌𝑣 ∫ 𝐴𝑣 ∙ 𝑑𝑙
𝐿
0
 
(5-49) 
 𝑚𝑙 = ∫ 𝜌𝑙 ∙ 𝑑𝑉𝑙
𝐿
0
= 𝜌𝑙 ∫ 𝐴𝑙 ∙ 𝑑𝑙
𝐿
0
 
(5-50) 
Where 𝐴𝑣  is the cross-sectional area occupied by vapor, 𝐴𝑙  is the cross-sectional area 
occupied by liquid, and 𝐴𝑐 is the total cross-sectional area. 
Introducing the void fraction 𝛼 = 𝐴𝑣/𝐴𝑐, Equations (5-49) and (5-50) can be rewritten as: 
 𝑚𝑣 = 𝜌𝑣𝐴𝑐 ∫ 𝛼 ∙ 𝑑𝑙
𝐿
0
 
(5-51) 
 𝑚𝑙 = 𝜌𝑙𝐴𝑐 ∫ (1 − 𝛼) ∙ 𝑑𝑙
𝐿
0
 
(5-52) 
The total mass 𝑚𝑡 in the two-phase section can be obtained from Equations (5-51) and (5-52) 
in terms of the tube volume V as: 
 𝑚𝑡 = 𝑉 ∙ [𝜌𝑣 ∫ 𝛼 ∙ 𝑑𝑙 + 𝜌𝑙 ∫ (1 − 𝛼) ∙ 𝑑𝑙
𝐿
0
𝐿
0
] / ∫ 𝑑𝑙
𝐿
0
 
(5-53) 
In a very short length of a tube, the void fraction 𝛼 could be regarded as a constant value; thus, 
Equation (5-53) could be simplified as: 
 𝑚𝑡 = 𝑉 ∙ [𝜌𝑣𝛼 + 𝜌𝑙(1 − 𝛼)] 
(5-54) 
To conclude, in each element volume of the model, Equation ((5-48) is used if the refrigerant 
is single-phase, and Equation ((5-54) is used if the refrigerant is two-phase. 
 
5.3 Compressor model 
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The compressor is of the reciprocating hermetic type. See detailed information in the 
Appendix. Its volumetric efficiency and isentropic efficiency are obtained by applying polynomial 
regression from the manufacturer’s specifications. 
 𝜂𝑖𝑠𝑒𝑛𝑡𝑟𝑜𝑝𝑖𝑐 = 0.53226 − 0.00193 × (
𝑃𝑐𝑝𝑟𝑜
𝑃𝑐𝑝𝑟𝑖
) − 3.32428 × 10−4 × (
𝑃𝑐𝑝𝑟𝑜
𝑃𝑐𝑝𝑟𝑖
)2 
(5-55) 
 𝜂𝑣𝑜𝑙𝑢𝑚𝑒𝑡𝑟𝑖𝑐 = 0.80172 − 0.01657 × (
𝑃𝑐𝑝𝑟𝑜
𝑃𝑐𝑝𝑟𝑖
) − 9.31741 × 10−5 × (
𝑃𝑐𝑝𝑟𝑜
𝑃𝑐𝑝𝑟𝑖
)2 
(5-56) 
The compressor model is built based on Equations (5-55) and (5-56). The inputs to the model 
are Pcpri, hcpri and Pcpro, and the outputs are ṁref and hcpro. In the model, heat dissipation from 
the compressor shell is taken into consideration. The compressor shell temperature is estimated to 
be the mean temperature of the suction and discharge temperatures, and the overall heat transfer 
coefficient (𝑈𝐴) between the ambient and compressor shell is set to be 21.69 W/K based on 
experimental data. 
 
Figure 5-6 Compressor model validation by comparing with experimental data. 
 
Figure 5-6 shows that the errors of mass flow rate (left) and the discharge temperature (right) 
between the model prediction and the experimental data are within ± 5%. The compressor model 
predicts well within the range of mass flow rate between 1.97 to 2.25 grams per second. 
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5.4 System model and validation 
Figure 5-7 shows the P-h and T-s diagrams of a typical system with 7 points. Point 1 is the 
compressor suction, point 2 is the compressor discharge, point 3 is the inlet of condenser, point 4 
is the outlet of condenser, point 5 is the inlet of capillary tube, point 6 is the inlet of evaporator, 
and point 7 is the outlet of the evaporator. Solving the system model is identical to solving 14 
unknowns – 7 points with 2 properties each (pressure and enthalpy). In order to solve the 14 
unknowns, we need 14 equations. For the compressor model, if 𝑃𝑐𝑝𝑟𝑖, ℎ𝑐𝑝𝑟𝑖 and 𝑃𝑐𝑝𝑟𝑜 are known, 
the mass flow rate ?̇?𝑟𝑒𝑓 and ℎ𝑐𝑝𝑟𝑜 could be calculated, which is counted as 1 equation. For the 
two heat exchangers and three connection tubes (See points 2-3, 4-5, and 7-1 in Figure 5-7), if the 
inlet pressure and enthalpy are known, the outlet pressure and enthalpy can be calculated, so each 
one is counted as 2 equations (10 total equations). The capillary tube is assumed to be isenthalpic, 
which is counted as 1 equation. In total, there are 12 equations, and 2 more are needed. By adding 
two more parameters (the superheated degree at the compressor inlet and the subcooled degree at 
the condenser outlet), the system model can be successfully solved. 
 
Figure 5-7 Comparison of the model and experimental results about the baseline system.  
The model and the experimental results match well in Figure 5-7, because the model is built 
by assuming uniform temperature and velocity at the inlet of the condenser and evaporator, and 
the air side velocities are adjusted to obtain the best match with the experimental results. The input 
of the uniform air temperature at the inlet of the condenser / evaporator to the model is set to be 
the ambient / cabinet temperature, respectively.  
Errors of the model mainly come from: 
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 Neglecting the effects of capillary tube – suction line heat exchanger heat transfer  
 Assuming isenthalpic expansion of the expansion device 
 Assuming uniform temperature and velocity around each heat exchanger 
 Neglecting the effects of oil in circulation 
 
5.5 Flattened-tube condenser model 
The cross-section of a flattened tube is shown in Figure 5-8. Flattened tubes are plain round 
tubes that have been extruded flat on top and bottom and remain round at the two ends. During the 
deforming process, the tube perimeter and thickness are assumed to remain constant. 
 
Figure 5-8 Cross-section of the flattened tube of condenser. 
The main equations describing the geometry of the original round tube (RT) and the flattened 
tube (FT) are listed from Equation (5-57) to Equation (5-60) below. Equation (5-57) comes from 
the assumption that the internal perimeter remains the same between the flattened tube and the 
original round tube. Equation (5-58) is used to calculate the cross-sectional area of the original 
round tube. Equations (5-59) and (5-60) come from the definition of equivalent diameter 𝐷𝑒 and 
hydraulic diameter 𝐷ℎ for a non-circular duct, respectively. Usually the diameter of the original 
round tube 𝑑𝑖 is known. With the equivalent or hydraulic diameter, the geometry (2a and 2b) of 
the flattened tube can be calculated. 
 𝑃 = 𝜋𝑑𝑖 = 2𝑎 + 𝜋𝑏 
(5-57) 
 𝐴𝑅𝑇 =
𝜋𝑑𝑖
2
4
 
(5-58) 
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 𝐴𝐹𝑇 = 𝑎𝑏 +
𝜋𝑏2
4
=
𝜋𝐷𝑒
2
4
 
(5-59) 
 𝐷ℎ =
4𝐴𝐹𝑇
𝑃
 
(5-60) 
Deduced from the Equation (5-61) below, we know the ratio of the hydraulic diameter of the 
flattened tube to the original round tube diameter equals to the ratio of the cross-sectional area of 
the flattened tube to the original area of the round tube. 
 𝐷ℎ
𝑑𝑖
=
4𝐴𝐹𝑇
𝑃 ∙ 𝑑𝑖
=
4𝐴𝐹𝑇
𝜋𝑑𝑖 ∙ 𝑑𝑖
=
𝐴𝐹𝑇
𝐴𝑅𝑇
 
(5-61) 
In the literature, heat transfer correlations for flattened tubes are usually developed by 
substituting the diameter of the circular tubes with the hydraulic diameter (𝐷ℎ) of the non-circular 
tubes into the correlation equations. Tibiriçá et al. (2012) compared the heat transfer results of 
R134a and R245fa at a saturation temperature of 31°C in four kinds of flattened tubes against 
circular tubes, and concluded at mass fluxes higher than 200 kg/m2-s, the flattened and circular 
tubes presented similar heat transfer coefficients.  
 
5.6 Prediction of charge reduction by model  
5.6.1 Select smaller round tube of condenser 
Taking advantage of the validated system model, we look for effective methods to minimize 
charge within the system. One way to reduce charge is to choose a smaller diameter of the 
condenser while keeping the same circular cross-sectional shape. Figure 5-9 shows the system 
cycle evolution as the diameter of condenser tube decreases. 
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Figure 5-9 System cycle evolution as the diameter of condenser tube decreases. 
As the diameter of condenser tube decreases, the internal volume of the condenser would 
decrease correspondingly, as would the charge. However, pressure drop of the condenser would 
increase and the heat transfer would drop due to a smaller heat transfer area between the refrigerant 
and air compared with the original. See the results predicted by the model in Figure 5-10. 
As the cross-sectional area of the condenser tube decreases, the heat transfer area between the 
refrigerant and air decreases exponentially, so that the heat transferred by the condenser decreases. 
This would further influence the heat transfer of evaporator. Figure 5-10(a) shows the heat 
transferred by the evaporator (cooling capacity) decreases accordingly. See figures (b), (c) and (d) 
from Figure 5-10. As the diameter of the round tube decreases, the pressure drop increases slowly 
at first. Then as it continues to decrease, the pressure drop begins to increase dramatically, 
requiring more and more compressor power, which leads to a lower COP.  
 
                                                      (a)                                                                             (b) 
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                                                      (c)                                                                             (d) 
Figure 5-10 As the cross-sectional area of the condenser tube decreases, (a) cooling capacity 
decreases, (b) pressure drop in condenser increases, (c) compressor power decreases, and (d) 
COP decreases. 
Four void fraction correlations are chosen to calculate the charge in the condenser. According 
to Figure 5-11, the Homogenous correlation predicts the lowest charge, while the Zivi (1964), 
Graham et al. (1999) and Rouhani and Axelsson (1970) correlations predict similar amounts of 
charge. 
 
Figure 5-11 As the cross-sectional area of the condenser tube decreases, the minimized 
charge in the condenser varies according to different void fraction correlations. 
5.6.2 Select flattened tube of condenser 
The original round tube has an internal diameter of 6.922 mm, an external diameter of 7.938 
mm (5/16 inch), and a cross section area of 37.63 mm2. The condenser tubes are modelled to be 
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successively flattened into an oblong shape without change in the tube thickness (δ = 0.5080 mm) 
and inner perimeter (21.75 mm). As the tube of condenser is being flattened, the system cycle 
evolution is shown in Figure 5-12. 
 
Figure 5-12 System cycle evolution as the tube of condenser is being flattened. 
As the condenser tube is being flattened, the heat transfer area between the refrigerant and air 
of the condenser does not change. However, the condenser tube – tube distance increases due to 
flattening, which lowers the air velocity around the condenser. As a result, the air side heat transfer 
coefficient of the condenser decreases slightly. The refrigerant side heat transfer coefficient does 
not change much. Figure 5-13(a) shows the cooling capacity decreases slightly. See figures (b), (c) 
and (d) in Figure 5-13. As the tube is being flattened, the pressure drop increases slowly at first 
and then increases dramatically, requiring more and more compressor power, which leads to a 
lower COP. 
 
                                                      (a)                                                                             (b) 
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       (c)                                                                             (d) 
Figure 5-13 As the tube of condenser is being flattened, (a) cooling capacity decreases a 
little, (b) pressure drop in condenser increases, (c) compressor power increases, and (e) COP 
decreases. 
Four void fraction correlations are chosen to calculate the charge in the condenser. According 
to Figure 5-14, the Homogenous correlation predicts the lowest charge, while the Zivi (1964), 
Graham et al. (1999) and Rouhani and Axelsson (1970) correlations predict similar amounts of 
charge in the condenser.  
 
Figure 5-14 As the condenser tube is being flattened, the minimized charge in the condenser 
vary according to different void fraction correlations. 
Unlike choosing a smaller round tube condenser, for which the heat transfer area between the 
refrigerant and air decreases dramatically, the heat transfer area between the refrigerant and air 
does not change due to flattening. Depending on the features of flattened tubes, charge could be 
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minimized without influencing performance significantly. To conclude, compared to smaller 
diameter round tubes, flattened tubes with the same cross-sectional area are preferred. 
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CHAPTER 6 SYSTEM WITH A FLATTENED-
TUBE CONDENSER 
6.1 Introduction of flattened-tube heat exchangers 
For direct-expansion evaporators and condensers, the easiest way to reduce charge is to flatten 
the tubes. Flattened tubes have a higher internal surface-to-cross-sectional ratio compared with 
original round tubes. By flattening tubes, the heat transfer coefficient and the pressure drop 
increase simultaneously for a given refrigerant mass flow rate during either boiling (Nasr et al., 
2010) or condensing (Wilson et al., 2003). Mass flux will also increase, so that the flow pattern 
will change from stratified flow to annular flow earlier than lower mass fluxes in the evaporator 
(Nasr et al., 2010). This is beneficial for heat transfer since the annular flow has a higher heat 
transfer coefficient rather than stratified flow. 
See the picture of the original condenser on the left of Figure 6-1; it is a round-tube condenser 
curved into a cubic shape geometry around a condenser fan. In operation, cool air will flow from 
the ambient to the front side of the condenser, be heated by the hot condenser surface, and then be 
driven to the back side. The velocity of the front and back sides are much larger than the left and 
right sides. The velocity and temperature distributions around the condenser are very complex. In 
order to flatten the tube of the condenser, two steel plates with several bolts are used to flatten the 
round tube to a fixed height of 4 mm. See the picture of the flattened-tube condenser on the right 
of Figure 6-1. 
     
Figure 6-1 Pictures of the round-tube condenser (left) and the flattened-tube condenser (right). 
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From measurements, the internal volume of the original round-tube and flattened-tube 
condensers are both obtained. See results in Equations ((6-1) and ((6-2). The height of the flattened 
tube is also measured. After installation and several operations of the system, the thickness of the 
flattened tube of condenser became 4.1 mm in practice. 
 𝑉𝐹𝑇 = 306.2 𝑐𝑚
3 
(6-1) 
 𝑉𝑅𝑇 = 446.1 𝑐𝑚
3 
(6-2) 
 𝑏′ = 4.1 𝑚𝑚 
(6-3) 
The ratio of the internal volume of the flattened tube to round tube equals to the ratio of their 
cross-sectional areas, which is: 
 
𝑉𝐹𝑇
𝑉𝑅𝑇
=
𝐴𝐹𝑇
𝐴𝑅𝑇
= 0.686 
(6-4) 
From Chapter 5.5 Flattened-tube condenser model, we know if the ratio of the cross-sectional 
area of the flattened tube to round tube is given along with the geometry of the original round tube, 
the geometry of the flattened tube can be calculated. From the flattened tube model, the height of 
the flattened tube is calculated to be 4.059 mm, which matches with the measurement of 4.1 mm.  
 
6.2 Charge optimization experiment results of the system with a 
flattened-tube condenser (FT system) 
After flattening and re-installation of the condenser, a system with a flattened-tube condenser 
was formed, which is abbreviated as FT system. Charge optimization experiments of the FT system 
were conducted. In the experiments, the ambient temperature was kept at 26.0 °C, and the heater 
was turned off. At first, 200.0 g of R134a was charged, then charge was added in 20.0 g increments 
until the FT system became overcharged. Under each charge condition, data collected from the 
data logger was recorded, and the cycle COP was calculated. See Figure 6-2 for the results of the 
charge optimization experiment for the FT system (right) compared to the baseline system (left). 
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Figure 6-2 Comparison of charge optimization results between the baseline system (left) and the 
FT system (right) at 𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡  = 26.0 °C, 𝑊ℎ𝑒𝑎𝑡𝑒𝑟= 0 W. 
 
Based on the comparison in Figure 6-2, it can be concluded that: 
 The optimal charge for the baseline system is 300 – 360 grams of R134a while the 
optimal charge for the FT system is 240 – 300 grams. In this respect, around 60 grams 
of charge was reduced due to the change of condenser. 
 The highest cycle COP / system COP of the baseline system is 2.8 / 1.2, while the 
highest cycle COP / system COP of the FT system is 2.6 / 1.2. The decrease in COP is 
less than 8%. 
 The charge optimization curve (COP versus charge) is much steeper for the FT system. 
Thus, for the same amount of leakage / overcharge, the impact on the performance of 
the system would be much more severe for the FT system than the baseline system. 
 
6.3 Determination of charge distribution in the FT system 
In the charge distribution experiments of the FT system, four runs were conducted under 
different conditions (FT Run 1 to FT Run 4). Table 6-1 lists each condition for the FT system and 
the condition for the baseline system. Table 6-2 lists the charge distribution results for the FT 
system compared with the baseline system. 
In Run 1 of the FT system (FT Run 1), working conditions were kept the same as the baseline 
system (𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡  = 27.0 °C, 𝑊ℎ𝑒𝑎𝑡𝑒𝑟 ≈ 313.0 W), and the FT system was charged up to 285.0 g 
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of R134a so that the condensing and evaporating pressures reached the same values as in the 
baseline system. Keeping approximately the same heater power, the cabinet temperature rose to 
23.8 °C, which was much higher than the cabinet temperature of the baseline system. The charge 
in the evaporator was less than the charge in the baseline system due to a rise in the cabinet 
temperature. One could refer to Chapter 4.4 Charge distribution in the evaporator simulated by 
model for the same phenomena. 
In FT Run 2, the ambient temperature was still kept the same, but the heater power was 
lowered by 8.1 W in order to get the same cabinet temperature as the baseline system. Charge was 
added until the evaporating pressure reached the same value as that in the baseline system. Thus, 
290.0 g of R134a was added. As expected, the charge inside the evaporator was the same as the 
charge in the baseline system, since the conditions for the evaporator were kept the same. However, 
the condensing pressure of the FT system was higher than the baseline system. Due to different 
conditions for the condenser, charge inside between the FT system and the baseline could not be 
compared. 
Table 6-1 Four different operation conditions for the FT system. 
 BASELINE FT Run1 FT Run2 FT Run3 FT Run4 
𝐶ℎ𝑎𝑟𝑔𝑒 g 330.0 285.0 290.0 280.0 280.0 
𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡  °C 27.0 27.0 27.0 27.0 27.0 
𝑇𝑐𝑎𝑏𝑖𝑛𝑒𝑡  °C 20.8 23.8 20.4 21.2 21.2 
𝑊ℎ𝑒𝑎𝑡𝑒𝑟  W 314.7 311.3 306.6 297.3 297.1 
𝑊𝑐𝑜𝑚𝑝 W 147.9 146.0 150.1 146.4 145.7 
𝑃𝑐𝑟𝑖 kPa 1213.0 1200.6 1233.1 1210.4 1195.1 
𝑃𝑒𝑟𝑖 kPa 296.7 289.2 293.0 282.4 280.2 
𝐷𝑃𝑐𝑜𝑛𝑑 kPa 0.92 2.66 3.23 3.65 2.06 
𝑄𝑒𝑣𝑎𝑝 W 
339.8 / 
365.0* 
334.1 / 
353.4* 
339.4 / 
358.4* 
323.5 / 
348.1* 
322.2 / 
345.6* 
?̇?𝑟𝑒𝑓 g/s 2.18 2.09 2.15 2.04 2.03 
𝐺𝑟𝑒𝑓,𝑐𝑜𝑛𝑑  kg/m
2-s 57.8 55.5 57.1 54.2 53.9 
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𝐺𝑟𝑒𝑓,𝑒𝑣𝑎𝑝  kg/m
2-s 47.9 46.0 47.3 44.9 44.7 
𝐶𝑂𝑃𝑐𝑦𝑐𝑙𝑒 – 2.47 2.42 2.39 2.38 2.37 
𝐶𝑂𝑃𝑠𝑦𝑠𝑡𝑒𝑚  – 1.89 1.84 1.83 1.81 1.81 
* Refrigerant side (assuming isenthalpic expansion) / energy balance. 
 
Table 6-2 Charge distribution results for the FT system. 
 Unit Baseline 
FT 
Run1 
FT  
Run2 
FT  
Run3 
FT  
Run4 
Average 
3&4 
Condenser g 124.7 90.3 93.6 91.9 91.3 91.6 
Evaporator g 23.0 17.2 22.0 19.5 20.0 19.8 
Compressor g 40.0 40.8 38.4 37.2 36.1 36.7 
Liquid line g 122.7 117.9 125.8 118.0 116.0 117.0 
Total collected g 310.5 266.2 279.8 266.6 263.4 265.9 
Actual charge g 330.0 285.0 290.0 280.0 280.0 280.0 
Deviation % -5.9 -6.6 -3.5 -4.8 -5.9 -5.4 
 
In FT Run3 and FT Run4, the ambient temperature and the cabinet temperature were kept the 
same as the baseline system (heater power was lowered by 17.4 W). Refrigerant charge was 
gradually added until the system reached the same condensing pressure as the baseline system. 
Charge was reduced in the condenser due to flattening. On average from the two runs, charge was 
reduced by 32.9 g in the condenser while the total system charge was reduced by 55.0 g. 
 
6.4 Performance comparison between the FT system and the baseline 
system 
The FT system was charged to around 275.0 g of R134a with the heater power lowered to 
reach the same cabinet temperature as the baseline system. Based on the data collected from the 
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data logger, the averaged cycle of the FT system is determined. Figure 6-3 shows the cycle 
comparison between the baseline system and the FT system. They are almost identical.  
 
Figure 6-3 Cycle comparison between the baseline system and the FT system. 
Table 6-3 compares the performance between the baseline system and the FT system. Under 
the same ambient temperature, the heater power was lowered (by 17.5 W) until the same cabinet 
temperature was reached. Because of the flattened tube of condenser, the pressure drop in the 
condenser was tripled. However, since the baseline pressure drop in the round-tube condenser is 
small, even tripled, the pressure drop in the flattened-tube condenser is not significant. The mass 
flow rate ?̇?𝑟𝑒𝑓 is smaller for the FT system compared to the baseline system. And the cooling 
capacity drops by 5% and COP decreases by 4%. 
Table 6-3 Performance comparison between the baseline system and the FT system. 
 BASELINE FT SYSTEM (Run3&4) 
𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 °C 27.0 27.0 
𝑇𝑐𝑎𝑏𝑖𝑛𝑒𝑡 °C 20.8 21.2 
𝑊ℎ𝑒𝑎𝑡𝑒𝑟  W 314.7 297.2 
𝑄𝑒𝑣𝑎𝑝 W 339.8 / 365.0 *  322.9 / 346.9* 
𝑊𝑐𝑜𝑚𝑝 W 147.9 146.7 
?̇?𝑟𝑒𝑓 g/s 2.18 2.04 
𝐷𝑃𝑐𝑜𝑛𝑑 kPa 0.92 2.86 
𝐶𝑂𝑃𝑐𝑦𝑐𝑙𝑒 – 2.47 2.38 
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𝐶𝑂𝑃𝑠𝑦𝑠𝑡𝑒𝑚  – 1.89 1.81 
* Refrigerant side (assuming isenthalpic expansion) / energy balance. 
 
6.5 Charge distribution results comparison between the baseline 
system and the FT system 
See the comparison of charge distributions between the FT system and the baseline system in 
Table 6-4 and Figure 6-4. For the baseline system, 330.0 g of R134a was charged, while for the 
FT system 280.0 g was charged. In theory, around 50 g of charge reduction would occur only in 
the condenser, since the condenser is the only part that has been changed and the performance of 
system does not change much. However, experiments show slightly different results. Charge was 
minimized mainly in the condenser, and a little in evaporator, compressor and liquid line as well. 
Charge reduction in the evaporator is probably due to a slight increase in the cabinet temperature 
(from 20.8 to 21.2 °C). The superheated portion in the evaporator becomes larger while the two-
phase portion becomes smaller, which leads to a smaller charge retention. 
Table 6-4 Charge distribution comparison between the baseline system and the FT system. 
 
Baseline 
system 
FT 
system 
Charge 
reduction 
Condenser 124.7 g 91.6 g 33.1 g 
Evaporator 23.0 g 19.8 g 3.2 g 
Liquid line 122.7 g 117.0 g 5.7 g 
Compressor 40.0 g 36.7 g 3.3 g 
Total extracted 310.4 g 265.1 g 45.3 g 
Actual charge 330.0 g 280.0 g 50.0 g 
Deviation -5.9 % -5.4 % – 
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Figure 6-4 Charge distribution of the FT system compared to the baseline system. 
 
6.6 Comparison between the model and the experimental results 
Table 6-5 compares the data between the experiments and the model for the FT system. In the 
table, H is for the Homogeneous void fraction correlation, Z for the Zivi (1964) correlation, G for 
the Graham et al. (1999) correlation, and R for the Rouhani and Axelsson (1970) correlation. The 
system model works well for the FT system for predicting the system performance and the charge 
in heat exchangers. The Homogeneous void fraction correlation predicts the lowest charge in both 
heat exchangers. The Rouhani and Axelsson (1970) and Graham et al. (1999) void fractions show 
better prediction of charge. 
Table 6-5 Comparison between the experimental and model results for the FT system. 
 Experiment Model Deviation 
𝑄𝑒𝑣𝑎𝑝 W 322.9 / 346.9* 326.2 +1.0% / -6.0% 
𝑊𝑐𝑜𝑚𝑝 W 146.1 137.7 -5.7% 
?̇?𝑟𝑒𝑓 g/s 2.04 2.04 – 
𝐷𝑃𝑐𝑜𝑛𝑑 kPa 2.86 3.68 +28.7% 
𝐶𝑂𝑃𝑐𝑦𝑐𝑙𝑒 – 2.21 / 2.37* 2.37 +7.2% / 0 
𝑀𝑒𝑣𝑎𝑝 
(void fraction correlation) 
g 19.8 
5.9 (H) 
12.2 (Z) 
19.4 (G) 
-70.2% 
-38.4% 
-2.0% 
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20.7 (R) +4.5% 
𝑀𝑐𝑜𝑛𝑑 
(void fraction correlation) 
g 91.6 
72.5 (H) 
101.4 (Z) 
 100.4 (G) 
107.9 (R) 
-20.9% 
+10.7% 
+9.6% 
+17.8% 
* Refrigerant side (assuming isenthalpic expansion) / energy conservation. 
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CHAPTER 7 SUMMARY AND CONCLUSIONS 
 Baseline is established on a typical light commercial refrigeration system with the 
installation of sensors. According to the experimental results, the performance of the 
instrumented system (the new baseline system) and the original system does not vary 
significantly. 
 Charge optimization and distribution experiments are performed on the baseline 
system. The system is insensitive to the charge amount as long as charge is in the range 
from 300.0 to 360.0 g. Most of the charge is retained in the condenser and liquid line, 
while some portion of charge is retained in the evaporator and compressor. The 
condenser contains two-phase and subcooled refrigerant, and the liquid line contains 
subcooled refrigerant, which leads to a large amount of charge retention in these 
components. 
 A validated system model is built to predict the performance of the system and the 
charge in each heat exchanger. Mass-flux dependent void fraction correlations are 
more complete in describing two-phase flows, because they include the effects of mass 
flux and surface tension on void fraction. Rouhani and Axelsson (1970) and Graham 
et al. (1999) correlations are recommended.  
 Based on the model prediction and experimental validation, flattening the finless-
round-tube of the heat exchanger to some proper extents is a simple way to reduce 
charge without penalizing system performance significantly. 
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APPENDIX 
Figure below shows specifications of the compressor used in the experimental study reported 
in this thesis.
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